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Abstract In this paper the operation of a large containership main engine was investigated with emphasis 
at slow steaming conditions. A cycle mean value approach implemented in the MATLAB/Simulink 
environment was adopted to simulate the two-stroke marine diesel engine due to the fact that it combines 
simplicity with adequate prediction accuracy. For accurately representing the compressor performance 
when the engine operates at low loads, the extension of the compressor map at the low rotational speed 
region was carried out based on a non-dimensional parameters method incorporating a novel way of 
calculating the compressor isentropic efficiency. The compressor map extension method results were 
validated using a corrected similarity laws approach. The engine steady state operation for various loads 
was simulated and the predicted engine performance parameters were validated using shop trial 
measurements. Furthermore, the engine transient operation in the load region below 50% was studied 
and the simulation results including the compressor operating points trajectory are presented and 
discussed. Based on the obtained results, the influence of the activation/deactivation of the installed 
electric driven blowers on the engine operation was analysed.  
Key words Cycle mean value engine modelling; Large containership propulsion engine; Slow steaming; 
Compressor performance map extension; Electric driven blower operation, Turbocharger cut-out. 
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1. Introduction 
The shipping industry faces multiple challenges in the last few years taking into account the 
unprecedented rise of fuel prices [1-3] and the consequential impact on ship operating cost which, in turn, 
affects cargo transport cost [4-6] and company competitiveness and viability. In addition, the increasing 
demand for shipping transport capacity from last financial crisis [7] is expected to further increase 
marine fuels demand and as a result the emitted CO2 emissions. Furthermore, the continuously increasing 
concern for greening shipping industry activities, the imposed new international and national regulations 
for limiting greenhouse and non-greenhouse emissions [8-10], as well as the significant reduction of 
chartered ship rates [11] have introduced additional burdens. Therefore, slow steaming has been rendered 
as a standard operating procedure in shipping industry especially for the containerships which were 
sailing at high speeds in the range of 20-24 knots [12]. A significant number of containership operators 
have even adopted the super slow steaming operating strategy [13] and consequently save considerable 
fuel amount and emit less gaseous emissions.  
In order to achieve the more efficient and environmentally cleaner operation of their products, the 
engine manufacturers have developed and applied a number of measures including the introduction of 
the electronically controlled versions of marine diesel engines [14,15], in which the camshaft that exists 
in traditional engine versions for adjusting the injection timing and exhaust valve opening has been 
replaced by computer-controlled high-pressure hydraulic systems, and waste heat recovery systems 
[16-18]. In addition, retrofitting packages for  turbocharger units isolation, exhaust gas bypass and 
turbochargers with variable geometry turbines have been presented [19,20] for maximizing the engine 
efficiency throughout the engine operating envelope, especially when the engine runs at slow steaming 
conditions. In addition, cylinder cut-out has also been proposed and ways for isolating a number of 
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cylinders at slow steaming operation have been investigated. In consequence, more attention is needed to 
be paid to the understanding of engine behaviour at low engine load region.  
Since the size and weight of two-stroke marine diesel engines as well as their procurement, running 
and experimental testing costs are enormous [21], various engine modelling techniques have been 
extensively used for investigating the engine steady-state performance and transient response, for testing 
various engine designs and for developing the engine control system. In the previously published studies 
[22-33], various models have been developed and applied for simulating marine engines under 
steady-state and transient conditions. The most commonly used ones are the zero-dimensional models 
[22-27] and the cycle mean value engine models (MVEM) [28-33]. The former can represent the engine 
working processes more accurately but they are more complex, and require a greater amount of input 
data and execution time. The latter are simpler and need a less amount of input data, while predicting the 
engine behaviour with sufficient accuracy. The basic assumption adopted in the cycle mean value models 
is that the air and fuel flows entering and exiting the engine cylinders are continuous. So the engine cycle 
averaged temporal evolution of the engine operating parameters can be calculated, whereas their in-cycle 
variation (per degree of crank angle) cannot be represented [33,34].  
For accurately representing the engine behaviour at slow steaming conditions, the compressor 
characteristics at the region of very low rotational speed are required. Since the compressor performance 
maps provided by turbocharger manufacturers usually do not cover the region below 40% of the 
maximum turbocharger rotational speed [35], the extension of the compressor map must be performed. 
In previous studies [36-41], various ways of modelling the turbocharger compressor as well as extending 
the compressor performance map were described. Jensen et al. [36] used a compressor model based on 
the dimensionless parameters method, which is considered to be one of the most stable ways to predict 
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compressor performance with adequate accuracy. Guillaume et al. [37] proposed an approach based on 
the turbomachinery physics for modelling the turbocharger compressor and extrapolate/interpolate the 
compressor map. Wayne [38] used a method based on the principles of similarity laws to extrapolate the 
compressor map into low speed operating region, according to which the compressibility effects were 
taken into account by considering varying exponent value in the similarity laws equations. Ghorbanian et 
al. [39], Cortes et al. [40], Yu et al. [41] applied neural networks techniques for predicting the compressor 
performance.  
Although numerous studies have been published concerning diesel engine modelling and simulation, 
only Kyrtatos et al. [42] is focused on the investigation of a marine diesel engine steady state operation at 
slow steaming conditions. In addition, studies concerning the engine transient response at slow steaming 
conditions as well as the investigation of the influence of electric driven blower(s) running and the 
turbocharger cut-out on the engine operation were not found. In that respect, the objective of this research 
is to investigate the containership propulsion engine operation under steady state and transient conditions 
as well as to study the influence of the turbocharger cut-out and the blower running including the 
activation/deactivation phases on the engine response. The extension of the compressor map in the low 
speed region and the compressor map interpolation between the available constant speed curves are also 
carried out by developing an appropriate model based on the compressor non-dimensional parameters.  
 
2. Engine model description 
In this work, the MVEM that was described in Theotokatos [32] is used for modelling the investigated 
containership propulsion engine. The model is implemented in MATLAB/Simulink environment 
following a modular approach, as it is depicted in Fig. 1. Each part of the engine is represented by a 
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block, which exchanges variables with the adjacent blocks of the model through the appropriate 
connections. The engine scavenging air and exhaust gas receivers are modelled as flow receiver elements 
(control volumes), whereas flow elements are used for representing the turbocharger compressor and 
turbine as well as the engine cylinders. Fixed fluid elements of constant pressure and temperature are 
used for modelling the engine boundaries. Shaft elements are used for calculating the engine crankshaft 
and turbocharger shaft rotational speeds. The engine governor element, which is used to adjust the engine 
fuel rack position, is considered to be of the proportional-integral (PI) type and incorporates the 
appropriate fuel rack limiters, whereas the propeller element is used for calculating the propeller torque. 
The properties of the working medium either air or gas are considered to be functions of temperature and 
fuel-air equivalence ratio.  
The flow elements use as input the pressure, temperature and the properties of the working medium 
contained in the adjacent elements (flow receiver(s) or fixed fluid), whereas their output includes the 
mass and energy flow rates entering and exiting the flow element as well as the absorbed (for the case of 
compressor) or produced torques. The mass and energy flows are provided as input in the adjacent flow 
receiver elements, whereas the torques are required as input in the shaft elements. The output of 
turbocharger shaft element, i.e. the turbocharger speed, is forwarded to the compressor and turbine 
elements. The output of the crankshaft element includes the engine and propeller rotational speeds; the 
former is supplied as input to the engine cylinders and engine governor elements, whereas the latter is 
advanced in the propeller element.  
The flow receiver elements are modelled using the open thermodynamic system concept [43,44]. The 
working medium mass and temperature are calculated using the following differential equations, which 
are derived by applying the mass and energy conservation laws in each volume, respectively: 
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where  ,   are the mass and energy flow rates entering the flow receiver and  	
,  	
 
are the mass and energy flow rates exiting the flow receiver, respectively. Subsequently, the working 
medium pressure is calculated using the ideal gas law. 
No heat transfer is taken into account for modelling the scavenging air receiver, whereas the 
transferred heat from the gas contained in the exhaust gas receiver to the ambient is calculated using the 
exhaust gas receiver overall heat transfer coefficient and heat transfer area. The overall heat transfer 
coefficient in the exhaust receiver is calculated using a Nusselt-Reynolds number correlation for gas 
flowing in pipes [45]. 
The engine cylinders bank is regarded as a flow element, where the incoming air mass flow rate is 
calculated considering the equivalent of two consecutive orifices, each one representing the cylinders 
scavenging ports and exhaust valve, respectively [46]. Thus, the engine cylinders air mass flow rate is 
calculated according to the following equation, which was derived based on the subsonic flow 
consideration [44] using the equivalent cylinders flow area, the air properties and the pressures upstream 
and downstream of the engine cylinders: 
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where  is the ratio of cylinder upstream and downstream pressures.  
The equivalent orifice geometric area can be estimated using the instantaneous area variations for an 
engine cycle of the intake ports and exhaust valves, as follows [33,46]: 
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The mass flow rate of the exhaust gas exiting the engine cylinders is found by adding the mass flow 
rates of the air entering the engine cylinders and the injected fuel. The latter is calculated using the 
number of the engine cylinders, the engine rotational speed and the injected fuel mass per cylinder and 
per cycle. The injected fuel mass per cylinder and per cycle is regarded as function of engine fuel rack 
position, which is adjusted by the engine governor. The latter is modelled using a proportional-integral 
(PI) controller law with additionally incorporated torque and scavenging pressure limiters, as proposed 
and used by engine manufacturers for protecting the engine integrity during fast transients [23]. 
The energy flow rate exiting the engine cylinders element is calculated by taking into consideration the 
energy conservation equation and the fact that a portion of the fuel energy remains in the exhaust gas; 
thus: 
_ _ _
( )cyl d a a cyl u comb f Lmh m h m Hζη= +                           (5) 
where ζ is fuel chemical energy proportion in the exhaust gas exiting engine cylinders. 
The proportion of the fuel chemical energy contained in the exhaust gas is considered to be a function 
of the engine brake mean effective pressure [46], which is calculated using available engine performance 
data measured during the engine trials or provided by the engine manufacturer [47]. The indicated mean 
effective pressure is calculated using the rack position, the maximum indicated mean effective pressure 
of the engine and the combustion efficiency, which, in turn, is regarded as function of engine air to fuel 
ratio [43]. The friction mean effective pressure is considered to be function of the indicated mean 
effective pressure and the engine crankshaft speed [34]. The engine brake mean effective pressure is 
calculated by subtracting the friction mean effective pressure from the indicated mean effective pressure, 
whereas the engine torque is calculated using the brake mean effective pressure and engine cylinders 
displacement volume. 
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The compressor is usually modelled using its steady state performance map [32,34], which is provided 
as input in a digitized form containing lines of the corrected compressor speed, pressure ratio, corrected 
flow rate and efficiency. Given the turbocharger shaft speed and the compressor pressure ratio, the 
corrected flow rate and efficiency are calculated using interpolation [32]. However, since the objective of 
this work is to investigate the engine operation at low loads that results in very low compressor shaft 
rotational speeds, a modified approach is followed justified by the fact that the compressor curves are not 
available in the region of very low speeds. According to that, the non-dimensional parameters functions 
are derived and used for each compressor map region as explained in the next section. However, the 
input/output parameters are kept the same as in the previous model versions [32,34]; the turbocharger 
speed and compressor pressure ratio are provided as input, whereas the mass flow rate and efficiency are 
derived as output.  
The turbocharger shaft speed is taken from the turbocharger shaft element, whereas the compressor 
pressure ratio is calculated by the following equation using the pressure of the fixed fluid connected 
upstream the compressor, the pressure of the scavenging air receiver connected downstream the 
compressor, the air filter pressure drop, the air cooler pressure drop and the pressure increase in the 
auxiliary blower:  
 
SC AC BL
C
amb AF
p p p
pr
p p
− ∆ + ∆
=
− ∆
 (6) 
where the air filter and air cooler pressure drops are considered to be proportional to the compressor air 
mass flow rate squared.  
The temperature of the air exiting compressor is calculated according to the following equation, which 
was derived by manipulating the compressor isentropic efficiency definition equation [43]: 
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The compressor absorbed torque is calculated by the following equation: 
 ( )
_ _
30 / ( )C C C d C u TCQ m h h Npi= −  (8) 
where the enthalpies of the air exiting the compressor and the air entering the compressor are calculated 
using the respective temperatures. 
The temperature of the air exiting the air cooler is calculated based on the air cooler effectiveness 
definition equation [43] using the air cooler effectiveness and the temperature of the cooling water 
entering the air cooler. The air cooler effectiveness is assumed to be a polynomial function of the air mass 
flow rate.  
When the electric driven blower operates, it discharges the air exiting the air cooler to the engine 
scavenging receiver. The blower pressure increase is regarded as function of its air volumetric flow rate 
according to the following equation: 
 
2
,0 ,1 ,2BL BL BL BL BL BLp k k V k V∆ = + +   (9) 
The temperature of the air exiting the blower is calculated using the temperature of the air entering the 
blower, the blower efficiency and pressure ratio (Eq. (7) replacing index C with BL). 
The turbine is modelled using its swallowing capacity and efficiency maps, which must be provided in 
digitized form. Given the turbine pressure ratio, the turbine mass flow rate and efficiency are calculated 
using interpolation.  
The turbine pressure ratio is calculated using the pressure of the exhaust gas receiver, the ambient 
pressure downstream the engine exhaust pipe and the exhaust pipe pressure loss, as follows: 
ER
T
amb ep
p
pr
p p
=
+ ∆  (10) 
The pressure loss of the exhaust piping system is regarded as proportional to the exhaust gas mass flow 
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rate squared. The temperature of the gas exiting turbine is calculated based on the turbine isentropic 
efficiency definition equation [43] using the temperature of gas entering turbine, and the turbine pressure 
ratio and efficiency. 
The turbine torque provided to the turbocharger shaft is derived by using the following equation: 
 ( )
,
30 / ( )T T ER T d TCQ m h h Npi= −  (11) 
where the enthalpies of the gas exiting the turbine is calculated using the respective temperature, whereas 
the enthalpy of the gas entering the turbine is taken from the upstream exhaust gas receiver element.  
The engine crankshaft and turbocharger shaft rotational speed calculation is carried out in the shafting 
system and turbocharger shaft elements, respectively. The former uses the engine and propeller torques 
fed from the engine cylinders and propeller elements, respectively; the latter uses the compressor and 
turbine torques supplied form the respective elements. The propeller torque is calculated by applying the 
propeller law equation passing through the engine maximum continuous rating (MCR) point. 
The engine crankshaft and turbocharger shaft rotational speeds are calculated by integrating the 
following equations derived using the angular momentum conservation in the propulsion plant shafting 
system and the turbocharger shaft, respectively: 
( )
( )
30
π
Sh E PE
E Sh P ew
Q QdN
dt I I I I
η −
=
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 (12) 
( )30
π
T CTC
TC
Q QdN
dt I
−
=  (13) 
According to the mean value engine modelling approach and considering Eq. (3) to (5), the cylinders 
discharge coefficient (cd) and the fuel chemical energy proportion in the exhaust gas exiting cylinders (ζ) 
are the critical input parameters that affect the model predictive capability. Especially, for the case of 
electronically controlled versions of marine Diesel engines, which use variable timing for fuel injection 
and exhaust valve opening/closing, attention must be paid when estimating these parameters in a 
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pre-processing model phase. Since both variable injection timing and exhaust valve opening/closing 
timing are controlled by considering the engine load, the used function of ζ versus brake mean effective 
pressure is regarded as sufficient. Considering Eq. (5), ζ can be calculated using the air and fuel mass 
flow rates, the scavenging receiver air temperature, the exhaust receiver gas temperature, the fuel lower 
heating value as well as the specific heat at constant pressure of air and gas. Considering Eq. (3), the 
discharge coefficient can be derived by using the air mass flow rate, the cylinder pressure ratio, the 
pressure and temperature of the air contained in the scavenging receiver and the air properties. The 
required parameters can be obtained by using the engine performance data either measured during the 
engine trials or provided by the engine manufacturer [47]. However, in case where the fuel injection 
and/or exhaust valve opening/closing timings depend on both the engine load and speed, a two 
dimensional mapping for the model input parameters must be used, which complicates the mean value 
model set up. Therefore, a zero-dimensional model usage is recommended in such cases.  
 
 
3. Extension of compressor performance map 
3.1 Extrapolation/interpolation of pressure ratio curve 
The steady-state compressor performance maps are always given in terms of corrected quantities, due 
to the fact that the compressor performance parameters are measured at various ambient conditions. The 
compressor performance maps usually provide curves of pressure ratio versus corrected mass or 
volumetric flow rate for constant values of corrected compressor speed and the iso-contours of the 
compressor efficiency. The compressor corrected speed and volumetric flow rate are given by the 
following equations [48]:  
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where  and  denote the reference pressure and temperature, respectively and accompany the 
compressor map.  
The compressor map provided by the compressor manufacturer typically covers the rotational speed 
area from 40% to 100% of the maximum turbocharger speed. Thus, the compressor map extension to the 
lower speed region is required in order to accurately evaluate the engine performance at low loads. In this 
study, the compressor non-dimensional flow and isentropic head coefficients (φ and Ψ respectively), 
which were derived by the following equations, were used for the compressor constant speed curves 
extrapolation at low speeds as well as for interpolation between two given constant speed curves.  
C
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The compressor impeller tip Mach number used in Eq. (17) is defined by the following equation:  
60
C TC T
inl
amb amb
U N D
M
RT RT
pi
γ γ
= =
                 (18) 
The relationship between non-dimensional flow and isentropic head coefficients can be represented 
using the following equation according to [36], in which the impeller tip Mach number was also included 
to capture the speed dependency and therefore further enhance the model accuracy.  
1 2 3 4
5 6
inl inl
inl
k k M k k M
k k M
ϕ + + Ψ + Ψ=
+ − Ψ
                 (19) 
The compressor map curves of pressure ratio versus corrected volumetric flow rate at constant speed 
are shown in Fig. 2. The compressor map was divided into 8 zones depending on the available constant 
 13 
 
speed curves. For the zone 2 to 8, Eq. (19) was used to interrelate the compressor non-dimensional 
parameters and a set of values for the parameters 	to  were derived based on the two curves 
delimiting a zone, as proposed in Guillaume et al. [37]. For calculating the non-dimensional flow 
coefficient at zone 1, the calculated values of 	to   for zone 2 were used, since curves at the 
compressor lowest speed region were not available. Thus, 7 sets of parameters (	to ) were calculated 
using the curve fitting tool in MATLAB providing as input the triplets of ,  and  derived from 
the available compressor map curves. As an example, the surface interrelating the non-dimensional 
compressor parameters, which was calculated for zone 3, is shown in Fig. 3. The obtained R-square value 
for that zone is 0.9985; similar values of R-square were calculated for the other zones. This indicates that 
the applied surface fitting successfully capture the ,  and  interrelation.  
 
3.2 Validation of the method accuracy 
Since no experimental data were available for the validation of the non-dimensional parameters 
method results, a corrected similarity laws approach was used. The similarity laws are a useful tool, as 
they allow prediction of the head characteristic of a turbomachine at a given rotational speed using a 
known characteristic curve measured at a different speed or impeller diameter [49]. The approach 
developed in this study to validate the non-dimensional parameters method for extrapolating the 
compressor performance map in low speed region used the basic principles of the similarity laws as 
discussed in Munson et al. [49]. Assuming incompressible fluid, the following equation was derived for 
the calculation of pressure ratio in the similar operating point at speed  based on the pressure ratio  
of the known compressor operating point at speed  by manipulating the similarity laws equation 
relating head and speed: 
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However, air, which is the working fluid in the compressor, cannot be considered as incompressible 
especially at high compressor rotational speed. Therefore, when similarity laws are used to calculate the 
pressure ratio curve based on the respective available curves values at higher speed, a notable deviation 
between the calculated and actual compressor curves can be found, as shown in Fig. 4.  
The deviations seen from Fig. 4 are owing to the ignorance of compressibility effects when applying 
the similarity laws. In comparison to the available compressor map curves, it can be inferred that the 
calculated pressure ratio/corrected volumetric flow rate curve using similarity laws based on the higher 
speed curve should be lowered to some extent in reality. For lower values of compressor speed, the 
compressibility of the fluid has less influence and therefore, the observed deviations between the curves 
calculated using similarity laws and the available compressor map curves are smaller. Especially when 
speed is very small (below 20% of its maximum value), the deviation will be insignificant and can be 
neglected. The averaged deviation of pressure ratio and corrected volumetric flow rate can be 
represented as the following function of corrected compressor rotational speed:  
( )
,1 ,2 withXX X TCD k exp k N X V or pr= ⋅ ⋅       =            (21) 
Based on the calculated pressure ratio and volumetric flow rate deviation values, the constants 
,	and	, of Eq. (21) were calculated using the MATLAB curve fitting tool. Then, those corrections 
were applied for estimating the pressure ratio/volumetric flow rate curves at lower speeds. The 
extrapolation results based on the corrected similarity laws compared with the results derived from the 
non-dimensional parameters method are shown in Fig. 5. From that figure, it can be inferred that the 
curves calculated using the corrected similarity laws approach almost coincide with the curves derived 
by using the non-dimensional parameters method. The non-dimensional parameters method results for 
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interpolating between the available compressor map curves and their comparison with the respective 
curves derived using a linear interpolation method are also presented in Fig. 5. It can be inferred that 
there is a very good agreement between the results derived using both methods. As a result, the 
non-dimensional parameters method provides results of adequate accuracy in very low speed region and 
in the region between the available speeds. Therefore, it was decided to implement it in the engine 
simulation model as a new compressor model. According to this model, the following steps are applied 
for calculating the corrected compressor volumetric flow rate for given the values of the compressor 
speed and pressure ratio. First, the corrected speed, the non-dimensional isentropic head coefficient and 
the impeller tip Mach number are calculated. Then, the respective zone is identified based on the 
corrected speed. And subsequently Eq. (19) and (16) are used for calculating the non-dimensional flow 
coefficient and the compressor volumetric flow rate, respectively.  
 
3.3 Calculation of compressor isentropic efficiency 
To calculate the isentropic efficiency of the compressor, the non-dimensional torque coefficient "#  
was used, which is defined by the following equation [50]:  
2
C
C
C C C
Q
A r Uρ
Γ =
                         (22) 
The relationship between the compressor non-dimensional torque and flow coefficients is almost 
linear for each speed curve, as can be also derived from Fig. 6. Therefore, the following equation was 
used for calculating the non-dimensional torque coefficient: 
1 2φc k kΓ = +                          (23) 
The values of  and  constants (slope and y-intercept) of Eq. (23) were calculated using the data 
points of each speed curve; the obtained values of R-square were found to be between 0.8896 and 0.9971. 
 16 
 
The lowest value was derived for the highest speed curve, whereas values of R-square above 0.96 were 
calculated for the lowest six speed curves. For calculating "#  at compressor operating points within the 
zones 2 to 8, the coefficients  and  of Eq. (23) were estimated by applying linear interpolation 
using their respective values for the higher and lower speed curves, according to the following equation:  
  
( )
( ) ( )
, ,
, ,
      2 8; 1,2j higher j lowerj zone i j lower TC lower
higher lower
k k
k k N N for i j
N N 
−
= + − = − =
−
     (24)  
For calculating the non-dimensional torque coefficient within zone 1, the values of the constants  
and  in Eq. (23) were considered to be the ones derived for the lowest available corrected compressor 
speed curve. With given the compressor flow rate, the non-dimensional flow coefficient can be 
calculated according to Eq. (16), and subsequently, the non-dimensional torque coefficient, " , can be 
derived based on Eq. (23). Then, Eq. (22) was applied to calculate the compressor torque, whereas the 
compressor isentropic efficiency was calculated using the following equation, which was derived from 
the compressor efficiency definition [43]:  
         ( )
-1
,
30 1
1
C amb
C non cor C
C
RV T
pr
N Q
γ
γγ ρη
pi γ−
 
= −  
−  

                   (25) 
 
3.4 Compressor isentropic efficiency correction 
The efficiency calculated using Eq. (25) may differ from the actual compressor isentropic efficiency, 
since compressibility effects are not considered and the compressor components losses are dependent on 
the compressor speed, pressure ratio and flow rate. After analyzing the available compressor map, it was 
derived that the maximum compressor isentropic efficiency has a quadratic dependency on the corrected 
turbocharger shaft speed, as shown in Fig. 7. In order for the corresponding maximum efficiency to be 
consistent with its respective actual value derived using Fig. 7, the compressor isentropic efficiency 
calculated using Eq. (25) needs to be corrected. In that respect, the compressor isentropic efficiency was 
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corrected using the following equation:  
          
( )
( ), ,
, ,max
Cmax TC
C cor C non cor
C non cor TC
N
N
ηη η
η−
−
=                   (26) 
where $#%&'(# denotes the maximum compressor isentropic efficiency for the examined rotational 
speed (#  and $#,),%&'	(# denotes the maximum efficiency calculated by using Eq. (25) for 
the compressor characteristic at that speed.  
The available compressor isentropic efficiency curves, the calculated curves in the lowest speed region 
(zone 1) as well as the calculated compressor curves within the available speed range are presented in Fig. 
8. The following conclusions can be derived by analysing the results shown in that figure. When 
extrapolating the compressor maps at the lower speed region, the deviation of the non-corrected 
efficiency values increases as the compressor speed reduces. Thus, the applied correction is considered to 
be indispensable. Smaller deviation is observed between the non-corrected efficiency and the respective 
values calculated using linear interpolation based on the available efficiency curves. However, by 
applying the proposed correction, excellent accuracy is obtained and additionally the predictions become 
consistent with the expected maximum efficiency trend. From the previous analysis, it is inferred that the 
proposed method for calculating compressor efficiency can be used for extrapolating and interpolating 
the available compressor efficiency curves and therefore, it was decided to incorporate it to the new 
compressor model, which was implemented to the considered engine model. 
In summary, the extension of the compressor map and its implementation to the engine model consists 
of the pre-processing phase and the model execution phase. The pre-processing phase includes the 
elaboration of the compressor map and the model set up as follows: 
• Divide the compressor map into zones depending on the available constant speed curves 
• Digitize the provided compressor performance map 
• Calculate the non-dimensional parameters φ, Minl, Ψ and Γc for the digitised compressor 
operating points 
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• Derive the values of the parameters k1 to k6 for each zone based on Eq. (19) using curve fitting 
techniques 
• Derive the values of the parameters k1 and k2 for each speed curve based on Eq. (23) using curve 
fitting techniques 
• Derive the equations interrelating the actual maximum compressor efficiency with speed and 
the non-corrected maximum compressor efficiency with speed, which are used in Eq. (26) using 
curve fitting techniques 
• Provide all the above parameters as input to the compressor model 
 
The following calculation steps are applied through model running considering as additional input the 
compressor pressure ratio and shaft speed: 
• Calculate the corrected speed and identify the respective compressor map zone 
• Calculate the non-dimensional parameters Minl and Ψ from Eq. (18) and (17), respectively 
• Calculate the non-dimensional flow coefficient φ from Eq. (19) using the values of k1 to k6 for 
the respective zone 
• Derive the compressor volumetric flow rate using Eq. (16) 
• Calculate the non-dimensional torque coefficient, Γc, from Eq. (23) by using values of k1 and k2 
for the respective zone 
• Calculate the compressor torque according to Eq. (22) 
• Calculate the non-corrected compressor isentropic efficiency based on Eq. (25)  
• Derive the corrected compressor isentropic efficiency according to Eq. (26) 
 
4. Test case 
The two-stroke marine diesel engine MAN B&W 12K98ME-C was simulated using the described 
MVEM having incorporated the modified compressor model for extrapolating the compressor map in the 
low speed region and interpolating between the available constant speed curves. That engine is typically 
used as the propulsion engine of large containerships. The engine crankshaft is directly connected to the 
ship fixed pitch propeller via the ship shafting system. The engine is turbocharged operating on the 
constant pressure turbocharging system concept using four turbocharger units. One air cooler unit is 
installed downstream each compressor in order to cool the hot compressed air. In addition, four electric 
driven blowers are used for providing adequate air flow when the engine operates at load below 35%. 
Each blower receives the air exiting the respective engine air cooler unit and discharges that to the engine 
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scavenging air receiver. The blowers are activated when the engine air scavenging receiver pressure 
becomes lower than 1.55 bar, whereas they are switched off for pressure values greater than 1.7 bar. The 
main engine characteristics as well as the required input data were extracted from the engine 
manufacturer project guide [51]. The engine steady state performance data were obtained from the 
engine shop trial measurements as well as by using the engine manufacturer web-based Computerized 
Engine Application System-Engine Room Dimensioning (CEAS-ERD) [47]. The main engine 
parameters are given in Table 1. 
  The mean value engine model was set up providing the required input data, which included the engine 
geometric data, the turbocharger compressor and turbine performance maps, the engine ambient 
conditions, the constants of engine model equations and the propeller loading. Initial conditions are also 
required for the variables that are calculated by integrating differential equations, i.e. the 
engine/propeller shaft and turbocharger shaft rotational speeds as well as the pressure and temperature of 
air and gas contained in the engine receivers, respectively. The engine four turbocharger units as well as 
the installed air coolers and blowers were considered to have identical performance. 
For validating the engine model, simulation runs under steady state operating conditions at 25%, 50%, 
75%, 85% and 100% of the engine MCR load were performed. The engine blowers are activated at loads 
lower that 35% of the engine MCR point, since the scavenging air receiver pressure is lower than 1.55 bar. 
The percentage error between the predicted engine performance parameters and the respective shop trial 
data are given in Table 2. Predictions of sufficient accuracy are obtained not only for high engine load 
region but also for the engine operation at 25% load. Therefore, the engine model as well as the used 
compressor extrapolation/interpolation method and the blower submodel are considered to provide 
satisfactory prediction accuracy and they can be used with fidelity for studying the engine operation at 
 20 
 
slow steaming simulations.  
Having validated the engine model, the engine steady state operation was examined covering the 
operating region from 15% to 100% load. A set of the predicted engine performance parameters 
including the receivers pressures and temperatures, the temperature of the exhaust gas exiting the engine, 
the turbocharger speed, the brake specific fuel consumptions corrected at ISO conditions, the brake 
power and the total air to fuel ratio is presented in Fig. 9. The respective parameter values obtained from 
the engine shop trials for the engine loads 25%, 50%, 75%, 85% and 100% and from the engine 
manufacturer web application [47] for the load range from 15% to 100% are also shown in Fig. 9. It must 
be noted that according to [47], the provided data are only for guidance and are associated with tolerances 
±5% for brake specific fuel consumption and ±15oC for the temperature of the exhaust gas exiting turbine. 
Greater tolerances may be effective for engine loads below 35%. Good agreement is obtained between 
the simulation results and the data provided by the engine manufacturer for the majority of the engine 
parameters. Some deviation is observed in the prediction of temperature of the exhaust gas exiting 
turbine for loads lower than 35%, although its variation with load is qualitatively predicted. That can be 
attributed to the turbine efficiency, which was not given for the data derived from [47], since the engine 
manufacturer does not provide the details of the turbocharger. However, it can be inferred considering 
Fig. 9 that the model provides adequate accuracy for modelling the engine performance in the whole 
engine operating envelope.  
The minimum value of the temperature of the exhaust gas exiting turbines and brake specific fuel 
consumption are observed at 85% load. This means that the engine and its turbochargers were optimized 
for that load, which was reasonable for the time that the containership was designed (almost 10 years 
ago), when slow steaming operation was not included as an option at the ship design phase. As the engine 
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load reduces down to 35%, the temperature of the exhaust gas exiting turbines increases. This is owing to 
the lower air to fuel ratio values as a result of the lower air flow entering the engine cylinders that caused 
by the reduction of the turbocharger speed at lower engine loads. Due to the activation of the engine 
blowers, discontinuities in the engine performance parameters variations are observed between 30% and 
35% load. The blower activation results in a higher air flow entering the engine cylinders and thus 
increases the air to fuel ratio. Therefore, the temperature of the exhaust gas contained in the engine 
receiver and the temperature of the gas exiting turbine reduce approximately 45 K compared to their 
respective values at 35% load (where the blowers are not activated). In addition at engine load 30% and 
lower, the scavenging air receiver temperature increases around 5 K compared to the respective value of 
approximately 300 K at 35% load. This is attributed to the blower compression process, which results in 
1.67% air temperature rise, according to Eq. (7). At even lower engine loads (20% and 25%), the exhaust 
gas temperature slightly increases due to the fact the engine air flow rate becomes smaller since the 
compressor operates at lower speed. At 15% engine load, there is a decrease in the exhaust gas 
temperature, which is attributed to the fact that the reduction of the fuel amount injected to engine 
cylinders, which is much greater than the respective air flow rate reduction and as a result, the air to fuel 
ratio increases. The same behaviour in the exhaust gas and air temperatures can be found using the 
engine manufacturer CEAS-ERD application [47], as shown in Fig. 9. 
As an alternative, the cut-out of one turbocharger unit can be used instead of the blower activation at 
slow steaming operation. Comparison of the engine performance parameters in these two cases for 
engine loads below 50% are presented in Fig. 10. The cut-out of one turbocharger unit resulted in a 
considerable increase of the scavenging receiver pressure and turbocharger speed from 50% engine load 
down to 25% load and a slight increase of these two parameters for the load range from 15% to 25%. In 
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addition, since the blowers were not activated, the scavenging receiver temperature remained almost 
constant, close to 300 K for the load range from 15% to 50%. Therefore, greater amount of fresh air can 
be provided to the engine cylinders as it is inferred by the values of the engine air to fuel ratio, which are 
greater in the region from 35% to 50% load (where the blowers were deactivated) and almost the same 
for the region within 25% to 30% load (where the blowers were activated). Thus, the turbocharger 
cut-out resulted in a reduction of the temperature of the exhaust gas and the consequential lowering of the 
engine thermal loading for engine load region from 35% and above. In addition, since the exhaust gas 
receiver pressure was greater for the load region above 25%, the turbine pressure ratio was also greater, 
resulting in increased turbine efficiency. Therefore lower temperature of the exhaust gas exiting turbines 
was obtained, which means greater work extraction in the turbines of the operating turbocharger units. 
Only for engine loads below 25%, the turbocharger speed significantly reduced reaching 2670 rpm at 15% 
load, and as a result the air to fuel ratio was lower than the one obtained for the case of blower activation, 
Thus, the exhaust gas temperature significantly increased below 20% load, which means that the three 
turbocharger units operation was no longer sufficient to maintain the required engine air flow. Therefore, 
either cut-out of another turbocharger unit or activation of blowers must be applied below 20% to 25% 
load. 
The next step was to examine the model ability to capture the engine transient response at slow 
steaming conditions. In that respect, simulation runs applying engine load changes from 45% to 25% at 
the 50th s and from 25% to 40% at the 250th s were performed. These correspond to engine speed changes 
from 79.7 rpm to 65.5 rpm for the unloading period and then from 65.5 rpm to 76.6 rpm for the loading 
period. A set of the derived simulation results including the scavenging air receiver pressure, the air to 
fuel ratio, the exhaust gas receiver temperature and the turbocharger speed, is presented in Fig. 11 for the 
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following two cases: a) considering blowers activation/deactivation and, b) considering blowers do not 
operate. The respective trajectories of the compressor operating points superimposed on the compressor 
map are shown in Fig. 12. Considering Fig. 12, the following compressor operating points were found for 
the investigated case (a): point 1 corresponds to the simulation starting point (45% engine load), point 2 
corresponds to the blowers activation, point 3 is the compressor operating point obtained for 25% engine 
load, point 4 corresponds to blowers deactivation and point 5 is the final compressor operating point at 40% 
engine load. The following points were obtained for the case (b): point 1 corresponds to the simulation 
starting point at 45% engine load, point 2’ corresponds to 25% engine load and point 5 is the final 
compressor operating point at 40% engine load.  
The compressor operation after the blower activation/deactivation is characterized by a sharp 
increase/decrease of the air flow followed by a restoration period that lasts approximately 6 s. For the 
case (a), where the blowers are considered to normally operate, the following results were obtained. The 
blowers were activated at 83th s, when the scavenging air receiver pressure became lower than 1.55 bar. 
This resulted in a considerable increase of the engine air flow and therefore, the unloading engine phase 
continued at greater scavenging air receiver pressure, turbocharger speed and air to fuel ratio values as 
well as lower exhaust receiver temperature, compared to the respective values obtained for the case (b) 
where the blowers do not operate. The predicted compressor operating point at 25% engine load for the 
case (a) (point 3) had much greater flow rate, pressure ratio and turbocharger speed than the respective 
parameters of point 2’, which was predicted for the case (b). In addition, for the engine operation at 25% 
load, the exhaust gas receiver temperature was much lower (602 K for the case (a) compared to 733 K for 
the case (b)), whereas the air to fuel ratio, the scavenging air receiver pressure and turbocharger speed 
were greater compared to their values obtained for the case (b).  
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During the engine loading period, the turbocharger speed as well as the scavenging air receiver 
pressure increased, and the blowers were deactivated at 304th s, when the scavenging receiver pressure 
became greater than 1.7 bar. This resulted in sharp decrease in the engine air flow, scavenging air receiver 
pressure and air to fuel ratio and an increase in the exhaust gas temperature. During the initial part of the 
engine loading period (from 250th s to 280th s), a continuous increase in the exhaust gas receiver 
temperature is observed due to the turbocharging system lag. The maximum predicted exhaust gas 
receiver temperature reached 650 K at 285th s, and subsequently, it remained almost constant as the 
turbocharger speed had increased and thus adequate air amount entered the engine cylinders; the air to 
fuel ratio value started gradually increasing after 285th s. Therefore, the blowers were not needed after 
300th s and they were deactivated at 304th s. This caused a sharp increase of approximately 5 K to the 
exhaust gas receiver temperature, which reached 655 K. At that point, however, the turbocharger speed 
was enough for providing the required air flow and thus, the exhaust gas receiver temperature started 
reducing and reaching its final steady state value of 630 K. Thus, during the engine loading period, the 
exhaust gas receiver temperature obtained a maximum value 25 K greater than its final steady state value. 
On the contrary, the engine/turbocharger operation for the case (b) demonstrated slower response since 
their performance parameters reached steady state conditions approximately 45 s later than the ones in 
the case (a). In addition, the obtained maximum exhaust gas receiver temperature was much higher 
(reaching 800 K) during the engine loading period. Therefore, it can be inferred that the engine thermal 
loading will be prohibitively increased in the case where the blowers do not operate and the blowers 
activation is required in order for the engine to safely operate at the low loads region. 
For further investigating the engine model prediction capability at very low loads, a transient engine 
operation from 45% load to 15% load was simulated considering that a) the blowers operate, b) the 
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blowers do not operate and c) cut-out of one turbocharger unit and deactivated blowers. The simulation 
results including the compressor operating points trajectories and a set of engine performance parameters 
are presented in Fig. 13 and 14, respectively. Considering Fig. 13, point 1 corresponds to the simulation 
starting point (45% load) for cases (a) and (b), point 1’ is the simulation starting point for case (c), point 
2 is the point where the blowers were activated (for case a), whereas points 3, 2’ and 2’’ are the final 
compressor operating points (at 15% engine load) for the cases (a), (b) and (c), respectively. The final 
predicted values of the turbocharger speed were found to be 2475 rpm, 1581 rpm and 2658 rpm for the 
cases (a), (b) and (c), respectively; all are much lower than 5700 rpm that corresponds to the lowest 
available compressor speed curve. In addition, as far as the cylinder pressure difference is calculated to 
be positive (scavenging air receiver pressure is greater than the exhaust receiver pressure), the engine 
model provides predictions for the engine performance parameters. The above demonstrate the ability of 
the engine model in conjunction to the developed compressor model to capture the engine and 
compressor operation at very low loads. 
For the case (a), the blowers were activated at 75th s (point 2) and that resulted in a considerable 
increase of the air flow entering the engine cylinders, a 6 K increase of the scavenging air receiver 
temperature due to the air compression in the blowers, and a slight increase of the engine cylinders 
pressure difference. The additional air flow resulted in lower temperature level in the exhaust gas 
receiver, greater cylinder pressure difference and turbocharger shaft speed, compared to the respective 
values for the case where the blowers do not operate. As it can be derived from Fig. 14, the final exhaust 
gas receiver temperature at 15% load was calculated at 577 K and 803 K for the cases (a) and (b) 
respectively, which indicates that the engine thermal loading will be significantly increased when the 
blowers do not operate. In conclusion, when the engine operates at very low loads, the electric driven 
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blowers activation can maintain the required engine air flow, increase the turbocharger shaft speed and 
the cylinders pressure difference and keep the engine thermal loading in an acceptable level. 
For the case (c) with one turbocharger unit cut-out, the operating turbochargers speed was 
considerably greater at the simulation starting point comparing to the respective value for cases (a) and (b) 
(7869 rpm instead of 6546 rpm) and that resulted in greater turbocharger speed throughout the simulation 
run reaching a final value of 2658 rpm (point 2’’). The final value of the temperature of the exhaust 
receiver was calculated at 674 K and it was found to be greater than the one of case (a). In addition, the 
obtained cylinder pressure difference was lower than the one of case (a). The above indicate that the one 
turbocharger unit cut-out can lead to an acceptable engine behaviour and thermal loading at low loads 
down to 25%, but for engine operating at ultra-slow steaming conditions (10% to 25% engine load), 
another turbocharger unit cut-out or activation of the engine blowers are required.  
 
5. Conclusions 
The investigation of the operation of a large containership main engine was performed at steady state 
and transient conditions with emphasis at very low engine loads based on a modular mean value engine 
model implemented in the MATLAB/Simulink environment. That was combined with a new compressor 
model, which was developed based on the non-dimensional compressor parameters approach, capable of 
extrapolating the compressor map to the low speed region and interpolating between the available 
constant speed curves. In addition, the electric driven blower submodel was jointly used for capturing the 
influence of the blower operation including the phases of activation/deactivation on the engine 
performance. The main conclusions derived from this work are summarized as follows. 
  The used engine simulation tool is capable of predicting with sufficient accuracy the engine steady 
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state performance and transient response even in the region of very low engine loading. The engine 
model can provide results as far as the cylinder pressure difference is calculated to be positive, since it is 
prerequisite in order for a two-stroke marine diesel engine to keep running. The compressor extension 
method was sufficiently used to extrapolate the compressor map for speed values down to 1000 rpm, 
which corresponds to compressor operation at less than 10% of its maximum speed and engine operation 
at loads below 15% of its MCR point.  
When the engine operates at the moderate to low loads region (lower than 50%), the temperature of the 
exhaust gas exiting turbines increases as the engine load reduces since the engine air to fuel ratio 
becomes lower, reaching values around 600 K at 35% load. Therefore, the blower activation is vital 
below that engine loading point for ensuring the safe engine operation. The blower switching on results 
in a considerable increase of the engine air flow, thus increasing the engine air to fuel ratio and reducing 
the exhaust gas temperature, which has as a consequence to maintain the engine thermal loading in an 
acceptable level. As an alternative, the cut-out of one turbocharger unit can render the operation of the 
engine with the blowers deactivated down to 25% load. However, one additional turbocharger unit 
cut-out or alternatively the blower activation are required, so that the engine operates appropriately at the 
lowest load region (10% to 25% load). 
  The blower activation/deactivation results in a sharp increase/decrease in the air flow, scavenging 
pressure and air to fuel ratio that it is followed by a restoration period of a few seconds. During the engine 
unloading towards very low loads, the engine response becomes faster after the engine blowers 
activation and the engine reaches its steady state conditions sooner than the respective case where the 
blowers do not operate. During the engine loading starting from very low loads, the blowers operation 
attenuates the turbocharger lag effect on the engine performance. Therefore, the increase of turbocharger 
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speed is more rapid and the resultant compressor air flow is greater, which results in moderate exhaust 
gas temperature overshoot. The blowers are deactivated at the point where the turbochargers can 
maintain the required engine air flow. Although that resulted in a sharp slight increase in the exhaust gas 
temperature and a respective decrease in the scavenging air receiver pressure, the turbocharger continues 
increasing its speed and the engine reaches its steady state point faster than the respective case without 
blower operation, since greater amount of energy is contained in the exhaust gas entering turbines. The 
engine operation at low loads without blower activation will result in significant increase of exhaust gas 
temperature as well as the resultant thermal loading, and therefore, it is regarded to be prohibitive. This 
can be overcome by using cut-out of one or more turbocharger units. 
  Since it is expected that the slow steaming will be continuously used by the ship operators, the 
developed engine model will be a useful tool for investigating the engine steady state performance and 
the propulsion system transient response, for examining measures to reduce the engine fuel consumption 
and efficiency, e.g. turbocharger isolation or variable geometry turbine turbochargers, and for designing 
and testing control schemes. 
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Nomenclature   
* area (m2) Subscripts 
BMEP brake mean effective pressure (bar) + air 
BSFC brake specific fuel consumption (g/kW h) +, ambient 
-. discharge coefficient */ air cooler 
-0 specific heat at constant volume (J/kg K) *1 air filter 
2 deviation 34 blower 
 specific enthalpy (J/kg) -5, combustion 
67 fuel power heating value (J/kg) -5 corrected 
8 polar moment of inertia (kg m2) -9: cylinder 
 coefficients / compressor 
 mass (kg) ; downstream 
  mass flow rate (kg/s) < exhaust pipe 
 compressor impeller tip Mach number  <= equivalent 
 rotational speed (r/min) <> exhaust valve 
 pressure (Pa) <? entrained water 
 pressure ratio @ engine 
A torque (N m) @B exhaust receiver 
A  heat transfer rate (W) C fuel 
#  compressor impeller radius (m) D isentropic 
B gas constant (J/kg K) DE inlet 
F time (s) 5GF outlet 
 temperature (K) H propeller 
G specific internal energy (J/kg) <C reference 
I#  compressor blade tip velocity (m/s) J scavenging ports 
K  volumetric flow rate (m3/s) L/ scavenging receiver 
M number of engine cylinders L shafting system 
   turbine 
Greek symbols / turbocharger 
N ratio of specific heats U upstream 
∆φ

 engine cycle duration (deg)   
"#  non-dimensional torque coefficient   
ζ proportion of the chemical energy  
of the fuel contained in the exhaust gas 
Abbreviations 
$ efficiency ISO International Organization for Standardization 
P density (kg/m3) MCR  maximum continuous rating 
φ crank angle (deg) MVEM mean value engine modelling 
 non-dimensional flow coefficient   
 non-dimensional isentropic head coefficient 
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Table 1 MAN B&W 12K98ME-C engine parameters 
Bore 980 mm 
Stroke 2400 mm 
Number of cylinders 12 
Brake power at MCR 68500 kW 
Engine speed at MCR 104 r/min 
BMEP at MCR 18.2 bar 
Turbocharger units 4 x MHI MET83 
 
Table 2 Steady state simulation results, comparison with shop trials data 
Engine load (% MCR) 100 85 75 50 25 
 Error (%) 
Brake power 0.80 -0.96 -1.04 -0.85 -0.94 
BSFC -0.17 -0.21 0.06 0.05 0.06 
BMEP 0.18 -1.01 -1.09 -0.86 -0.92 
Turbocharger speed 0.01 -0.32 0.00 -0.46 -3.51 
Scavenging air receiver pressure -3.87 -4.01 -4.40 -2.08 -2.39 
Exhaust gas receiver pressure 1.10 -0. 97 0.03 0.48 -1.26 
Scavenging air receiver temperature 1.09 0. 39 1.00 0.42 -0.33 
Exhaust gas receiver temperature 3.88 2.08 2.55 1.59 1.35 
Exhaust gas temperature after turbocharger 0.40 -2.44 -1.72 -2.42 -4.40 
Fuel mass flow rate 0.63 -1.17 -0. 98 -0.79 1.0 
Mechanical efficiency 0.16 -0.04 -0.04 -0.11 0.10 
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